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Abstract As a critical component of helicopter variable-speed transmission systems, the wet clutch directly influences transmission stability; consequently,
clutch plate warping is a primary cause of operational malfunctions. This study investigates the engagement characteristics of warped friction pairs by developing
an inter-plate load-carrying capacity model. This model integrates geometric, flow field, and microscopic contact characteristics, alongside the force-displacement
properties of the separation spring and warped plates. Through the coupling of axial and circumferential motions, key parameters, including inter-plate bearing
capacity and transmitted torque, are quantitatively determined. The results indicate that the engagement process of a warped friction pair consists exclusively of
squeeze and mixed friction phases, which correspond to the non-contact, deformation, and plastic stages of the steel plate. During the squeeze phase, the piston
pressure is balanced solely by the hydrodynamic pressure of the oil film, whereas in the mixed friction phase, it is supported by a combination of oil film pressure
and micro-asperity contact forces. Furthermore, friction pair type 2 exhibits slightly lower torque transmission due to spline frictional resistance. Engagement

tests conducted using an MM600O0 tester validate the reliability of the proposed model, demonstrating engagement time errors of less than 8.5 %.
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Highlights

= A coupled Reynolds-K-E model was developed for warped wet clutch friction pairs.

= A force-displacement with axial-circumferential motion was analyzed for better accuracy.

= The model was verified via engagement tests using the MM600O0 tester.

1 INTRODUCTION

Wet clutches are widely used in automotive and helicopter
transmission systems due to their smooth engagement, compact
structure, and long service life. The tribological behavior of friction
pairs during engagement has been a persistent research focus in
this field [1,2]. However, during operation, the combined effects of
mechanical and thermal stresses cause internal stress distributions
within the clutch plates to exceed the material’s yield limit, resulting
in warping deformation. The altered clearance geometry between
friction pairs under warped structures further impacts the engagement
characteristics of wet clutches.

Extensive foundational research has been conducted on wet clutch
engagement behavior. In oil film hydrodynamic modeling, Patir
and Cheng [3] introduced a three-dimensional surface roughness
factor into the Reynolds equations, proposing theories for shear flow
factors and pressure flow factors. Beavers and Joseph [4] established
a permeable wall sliding model based on Darcy’s law. Berger et al.
[5] conducted finite element simulations of wet clutch engagement
processes using the Beavers-Joseph slip model and flow factors,
investigating the influence of material permeability on engagement
characteristics. Jang and Khonsari [6] and Jang et al. [7] developed
a modified Reynolds equation incorporating friction plate groove
geometry and friction surface material properties, based on Patir’s
flow factor theory and the mean Reynolds equation. They solved
this using a dimensionless approach and combined it with the
Greenwood-Williamson (G-W) contact model to determine wet
clutch engagement characteristics, investigating the influence of
factors like friction plate groove shape on engagement behavior.
Zhang et al. [8] developed a coupled model for oil film pressure,
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applied pressure, and dynamic torque transmission based on the
Patir-Cheng mean Reynolds equation and G-W elastic contact model.
They employed a fourth-order Runge-Kutta method to solve the
relationship between oil film thickness and speed difference. The
study quantitatively analyzed the influence patterns of parameters
such as pressure lag time, lubricant viscosity, and friction lining
permeability on the engagement torque response of wet clutches.
Huang et al. [9] addressed the squeeze phase of wet friction clutches
by solving hydrodynamic pressure and load-bearing capacity using
finite difference methods based on modified Reynolds equations
and Kogut-Etsion (K-E) micro-asperity contact models. Jin et al.
[10] enhanced the fluid-bearing model associated with the Reynolds
equation in fluid-structure interaction dynamics research on wet
clutch slip torque. This was achieved by modifying the Patir-Cheng
mean flow model and introducing induced pressure to replace fluid
pressure, thereby addressing variable viscosity effects.

In the field of roughness torque analysis, Greenwood and
Williamson [11] proposed that the distribution of micro-asperities
on rough surfaces approximates a Gaussian function based on Hertz
contact theory and experimental data. They developed the G-W rough
contact model by assuming the micro-asperities are hemispheres
with a radius equal to their height. Majumdar and Bhushan [12]
established the Majumdar-Bhushan (M-B) rough contact model
based on fractal roughness parameters. This model proposes that
as the contact area increases, micro-asperity contact undergoes a
gradual transition from plastic to elastic behavior. Kogut and Etsion
[13] proposed that micro-asperity contact transitions from elastic to
plastic as contact area increases. Using finite element methods to
study contact characteristics between rigid smooth plates and rough
surfaces, they established the K-E rough contact model. Masjedi and
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Khonsari [14] developed a point-contact hybrid lubrication model
based on modified Reynolds equations and the ZMC elastoplastic
micro-asperity model, deriving formulas for central film thickness
and micro-asperity load ratio. Wang et al. [15] considered lubricant
centrifugal effects, friction material permeability, surface roughness,
and the K-E model (micro-asperity contact model) to establish a
coupled model of hydrodynamic oil film - rough contact - torque
transmission. They quantitatively analyzed the influence of groove
shape and depth on mating characteristics. Wu et al. [16] developed
a microcontact thermodynamic model incorporating micro-asperity
elastoplastic deformation based on elastohydrodynamic lubrication
theory, deriving a composite friction coefficient formula that
accounts for oil film shear and micro-asperity contact. Yang et al.
[17] established a comprehensive model for grooved engagement
characteristics based on Navier-Stokes equations and K-E rough
contact theory, combining orthogonal experiments to clarify the
synergistic influence of multiple parameters on torque. Bao et al.
[18,19] analyzed the engagement process of multiple friction pairs
in wet clutches by establishing axial and circumferential motion
models. These studies provide support for oil film load-bearing
capacity and friction torque analysis. However, most focus on flat
friction pairs without considering gap asymmetry caused by warping
deformation, failing to accurately describe oil film dynamic behavior
under warping conditions. Existing warping studies primarily revolve
around temperature effects, lacking precise descriptions of the
engagement process for warped friction pairs.

In summary, while extensive research exists on the engagement
characteristics and influencing factors of wet clutches, studies on the
engagement characteristics of warped friction pairs remain scarce.
Therefore, this paper establishes the mean Reynolds equation and
K-E contact model, considering factors such as roughness based on
the structural characteristics of the warped friction pair. It investigates
the engagement characteristics of aviation wet clutches through a
coupled analysis of the mechanical properties of warped clutch plates
and examines the influence of factors such as clutch plate warpage
and piston pressure on engagement characteristics.

2 METHODS AND MATERIALS
2.1 Analysis of the Clutch Engagement Process

During the engagement speed regulation process of wet friction
clutches, conventional friction pairs are characterized by the
presence of an interstitial oil film, which can be divided into
the squeeze phase, mixed friction phase, and full rough friction
phase. In contrast, warped friction pairs, due to their axial warping
structure, exhibit non-negligible viscous forces within the clearance
throughout the engagement process. Consequently, warped friction
pairs only undergo the squeeze phase and mixed friction phase during
engagement speed regulation, as illustrated in Fig. 1. Additionally,
the engagement speed regulation process of wet friction clutches
is characterized by the deformation of the warped dual steel plates,
which can be divided into the non-contact phase, deformation phase,
and plastic phase. During the non-contact phase, the contact force of
asperities is negligible. In the deformation phase, the warped dual
steel plates undergo deformation under axial force; in the plastic
phase, the warped dual steel plates reach a critical deformation level,
and their geometric shape remains unchanged.

2.2 Axial Motion Analysis

2.2.1 Dynamic Pressure Distribution of Oil Film Between Plates

Based on the friction stage during the engagement process of a wet
clutch and the deformation stage of the warped dual steel plate, the
following assumptions are proposed: the lubricating oil flows steadily
between the friction pairs; the lubricating oil flows periodically and
symmetrically within the clearance between the friction pairs; the
dynamic pressure gradient of the lubricating oil film is zero in the
direction of film thickness; the lubricating oil is an incompressible
fluid; there is no relative velocity between the lubricating oil film
and the friction pair surfaces; the velocity in the direction of oil film
thickness between the friction pairs is neglected; the effect of mass
forces on the lubricating oil film is neglected; and the oil groove
structure of the friction plates is neglected.
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Fig. 1. Schematic diagram of the coupling speed regulation phase

Based on the above assumptions, combined with the N-S equation,
the mass conservation equation, and the flow factor model [20,21],
the Reynolds equation for lubricant flow between wet clutch friction
pairs based on friction material permeability and other factors is
derived, as shown in Eq. (1):
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where y is the Beaver-Joseph factor, a is the sliding coefficient,
¢, is the permeability of the friction lining material [m72], d is
the thickness of the friction lining [m], ¢,, ¢, and ¢_ represent the
radial, circumferential pressure flow factor, and shear flow factor,
respectively, 4 is the oil film thickness [m]; p is the lubricant density
[kg/m’], o, and o, are the rotational speeds of the dual steel plate and
friction plate [rad/s], respectively, x is the lubricant viscosity [Pas],
and o is the root mean square of the combined surface roughness [m].

The finite difference method is used to solve the oil film dynamic
pressure distribution model. Considering that the magnitudes of
different physical quantities vary greatly, they are dimensionless.
The dimensionless Reynolds equation for the clutch friction pair
clearance is:
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The dimensionless parameters used in the equation are defined as

follows: dimensionless radius 7 =7/r,, dimensionless inner
diameter 1?, =n/r,, dimensionless dynamic pressure p=P/P,
dimensionless permeability ¢, =¢,/#;, dimensionless liner
thickness d =d/h,, dimensionless oil film thickness / = h/h,,

dimensionless  follower end angular velocity @, =0, /o,

tar >

dimensionless active tip angle velocity @, =o,/®,,, dimensionless
2 .2 2
o . [Y0) Y0)
viscosity 1= u/u,,, and coefficients v, = u,tyz = ’u“Lz"”,
2 R Bhy
_ Hyh5 00y, : :

v, , where P is the stable piston pressure value [Pa],

Ph}
o,,, is the target clutch engagement speed [rad/s], x,, is the viscosity
of the lubricating oil at 40 °C [Pas], 7, and r, are the inner radius and
outer radius of the friction pair, respectively [m]; %, is the average oil
film thickness [m].
The oil film bearing capacity between friction pairs can be
expressed as:

E=["["(p-B-7r,)drde. 3)

2.2.2 Asperity Rough Contact Model

During the engagement process of a wet clutch in the mixed friction
stage, the micro-protrusions on the dual steel plate and friction plate
surfaces begin to contact and deform, generating rough friction torque.
This affects the warping, deformation, and plastic deformation stages
of the mating steel plate during the engagement speed regulation
process of the wet clutch. Among the two rough surfaces, the friction
plate surface has a higher roughness. The dual steel plate surface and
the friction plate surface are equivalently modeled as a rigid smooth
surface and an equivalent rough surface, as shown in Fig. 2.

Micro-peak Lubricating oil

Average plane of
asperity
Fig.2. Rough surface contact and its simplified model

Equivalent rough plane Smooth plane

By dividing the deformation process of a micro-protrusion into
an elastic deformation stage, a stage where plastic deformation
begins to appear, a stage where plastic deformation surrounds elastic
deformation, and a stage of complete plastic deformation, we can
obtain the dimensionless contact area and contact force on a rough
surface [20], which can be expressed as:
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where R, is the radius of the micro-asperity [m], K is the hardness
correlation coefficient, p, is the density of the micro-asperity [m=];
h, is the distance between the average height of the micro-asperity on
the equivalent rough surface and the rigid plane [m], gL represents
the dimensionless critical deformation of the micro-asperity, and J, is
the critical deformation [m], I* is the integral term, x is the integral
coefficient, and its expression is:

_—E x
IXZ(ZS J ¢(2)dz, (7)
where ¢(Z) is the height distribution of the micro-protrusion, which
conforms to a Gaussian distribution, z and &, represent the

dimensionless height and standard deviation of the dimensionless
height of the micro-convex body, respectively, expressed as:
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where, z is the height of the micro-asperity [m], o, is the roughness
of the surface of the dual steel plate. By solving Egs. (4) and (5)
and then performing dimensionless processing, the contact area 4,
between the friction pairs of the wet clutch and the micro-protrusion
bearing capacity /, can be obtained, which can be expressed as:

A,=44, (10)
F, =FAH, an
where 4, is the nominal contact area [m?], H, is the hardness of the

equivalent rough surface material [Pa].
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Fig. 3. Axial force diagram of friction plate

2.2.3 Axial Force Analysis

During the engagement process of a wet clutch, assuming that friction
plate 1 is fixed in the axial direction, friction plate 2 undergoes axial
movement under the influence of the combined pressure P in the
left-side clearance. Under the combined effects of the oil film bearing



force F,, the micro-protrusion contact force 7, the spline friction
force F s and the separation spring elastic force F p the warped dual
steel plates experience corresponding axial displacement. The force
diagram of the warped dual steel plates in the axial direction is shown
in Fig. 3.

Friction plate 1 and the warped dual steel plate form friction pair
1, while friction plate 2 and the warped dual steel plate form friction
pair 2. The inter-plate load-bearing forces 7, and F,, of the two
friction pairs are expressed as:

F‘rl:(l_éa)FM"—Fal (12)
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the theoretical contact area of the friction pair; /', and F, are the
oil film bearing capacities of friction pair 1 and friction pair 2,
respectively [N], I, and F, are the micro-asperity contact forces
of friction pair 1 and friction pair 2, respectively [N]. The separation
spring clastic forces F,; and F,, on both sides of the warped dual
steel plate can be expressed as:

Epn =k Ay, (14)

F;;;IZ = kspz : AhZ’ (15)
where Ak, is the change in clearance of friction pair 1 [m]; Ah, is
the axial displacement of friction plate 2 [m]; the stiffness of the

separation spring kw is expressed as:
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where, N, is the wave number of the separation spring, E, is the
elastic modulus of the separation spring [Pa], b, is the width of the
separation spring [m], J, is the thickness of the separation spring
[m], @, is the horizontal angle of the separation spring [°], R, is the
radius of the spring [m], kﬁ is the coefficient associated with the wave
number of the separation spring. The friction force kﬂ at the spline of
the friction pair is related to the comprehensive pressure P, then the
surface specific pressure P, and Py, in the gap of friction pair 2 and
1 can be expressed as:
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where, a, and a, are the pressure angles at the spline pairs of the dual
steel plate and friction plate, respectively [°], 7y and 7, are the radii
of the pitch circle at the spline of the dual steel plate and the friction
plate respectively [m], f,, f;, and f, are the friction coefficients at the
friction pair, dual steel plate spline pair, and friction plate spline pair,
respectively. Therefore, the axial force equilibrium equation for the
warped dual steel plate can be expressed as:

P.,=F,+F ,+m a, (19)
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where m is the mass of the warped dual steel plate [kg], a is the
acceleration of the axial displacement of the warped dual steel plate
[m/s?]. The axial force equilibrium equation for friction plate 2 is:

P, =F,+F,

52 iz T, dys (20)

where m_is the mass of friction plate 2 [kg], a,is the acceleration of
the axial displacement of friction plate 2 [m/s2].

2.2.4 Analysis of Mechanical Properties
of Warped Dual Steel Plate

A simulation solution model for the force-position characteristics of
two types of warped dual steel plates was established, using the GB/T
1972.1-2023 disc spring stiffness approximation solution model.
The three-dimensional model of the disc-shaped dual steel plate is
established, and the finite element simulation is carried out to solve
the force-position characteristics of the disc-shaped dual steel plate.

(1) Theoretical model
Approximate solution model of disc spring stiffness:
4F ¢} yo 3yy 3
k =—=.—= 1+ = — |, 21
R M-DZ[ A ) @b
)
mol ¢ , (22)
T (C+1 2
C-1 InC
D
C=—, 23
a (23)

where kspr is the stiffness of the disc spring [N/m], 7 is the thickness
of the disc spring [m], y, is the maximum compression deformation
of the disc spring [m], y is the deformation displacement of the disc
spring [m], £ is the elastic modulus of the dual steel plate, v, is the
Poisson’s ratio of the dual steel plate, D is the outer diameter of the
disc-shaped dual steel plate [m], d, is the inner diameter of the disc-
shaped dual steel plate [m].

(2) Finite element simulation model

The solution model of force-position characteristics of warped
dual steel plate is established, and the model is imported into the
static structural module of Ansys. The mesh is divided into the mesh
function. After the grid independence test, the plate is divided by the
sweep method. The mesh unit size is set to 3 mm, and the warped
dual steel plate is divided by the tetrahedral method. The mesh unit
size is set to 1 mm, and the number of mesh nodes is 372049, the
number of mesh units is 212965.

After the mesh is divided, set its boundary conditions and
constraints. Set the contact between the dual steel plate and the
friction plate as friction contact, with a friction coefficient of 0.1 and
asymmetric contact. Apply a fixed constraint to the friction plate on
one side of the dual steel plate; apply an axial displacement constraint
to the friction plate on the other side, with the displacement direction
being the compression direction of the warped dual steel plate. The
total displacement is the warped amount. The analysis is set to 5
steps, with each step lasting 1 s.

Using the two aforementioned solution methods, calculations
were performed to solve for warped steel plates with warping
amounts of 0.2 mm and 0.5 mm, respectively. The force-displacement
characteristic curves of the warped steel plates under different
warping amounts are shown in Fig. 4.

As can be seen from the analysis of the above figure, during
the compression process of the warped steel plate, the compression
amount exhibits a linear relationship with the load within the range
[0, 0.95]. The stiffness of the warped steel plate under different
warping amounts is shown in Table 1. As shown in Table 1, the
stiffness results obtained using the theoretical model method and
the finite element simulation method have an error of less than
8 %, indicating that the computational model has a certain degree
of reliability. Additionally, the stiffness of the warped steel plates
at different warping amounts differs only slightly. The stiffness of a
disc spring is directly related to the degree of warping, and it exhibits
the characteristic of being linearly related to the compression ratio
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Fig. 4. The force-position characteristic curve of steel plate under warpage of: a) 0.2 mm, and b) 0.5 mm

when the compression ratio is small and non-linearly related when
the compression ratio is large.

Table 1. Stiffness of warped dual steel plate under different warping amount

Warpage /_, [mm] 0.2 0.5
Theoretical model 2691.25 2694.80
ff N -1
Stfiness, ky,, NN ciite olement method ~~ 2483.69  2505.55
Relative error [%] 7.7 7.02

The compression ratio is within the range of [0.95, 1]. During
compression, the lever arm of the warped dual steel plate changes,
and its stiffness also changes. During the compression simulation, the
maximum internal stress of the warped dual steel plate is 170 MPa,
which does not exceed the yield limit, and no plastic deformation
occurs during a single engagement process. Therefore, under the
current deflection amount and within a limited number of engagement
cycles, the force-displacement characteristic curve of the warped dual
steel plate remains constant and can be used for simulation modeling
and theoretical analysis.

2.3 Circumferential Motion Analysis

During the oil film shear stage, the shear stress factors ¢,and ¢y, are
introduced into the oil film shear torque model, and the oil film shear
torque T, between the friction pairs can be expressed as:

27 (R, %

Tv — J /“‘207

o IR | Ky +1

where y, is the viscosity of the lubricating oil at the inlet [Pas], y is
the shear strain rate, expressed as:

(-0 )r
PR

The rough friction torque 7, between friction pairs can be
expressed as:

((pf +, )}rzdrde, (24)

7= (25)
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Through engagement tests conducted on paper-based friction
plates and dual steel plates, the relationship between f, and the
relative rotational speed of the driving and driven ends can be
expressed as:

£,=0.13-0.01In(o, ~o,). @7
Based on the above analysis, during the engagement process of a

wet clutch, the gap between the warped friction pairs continuously
decreases under the influence of piston oil pressure, and the load
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end speed increases. When the drive end and load end speeds are the
same, they accelerate together to the target speed. The transmitted
torque 7} is expressed as:

T, =((1=&)T, +&T,)- V. (28)
The differential equation for the circumferential motion of the
friction pair can be expressed as [22,23]:
JO=T,-T
s (29)
where J is the rotational inertia of the driven end [kgm?], and 7 is the
resistance torque of the driven end [Nm]. The calculation process for
the wet clutch engagement process is shown in Fig. 5.

Input of each parameter

e
>l

Qil film thickness model

sperity contact
force

Dynamic pressure
distribution

Separation spring
elastic force

F-Fy-FoFopr
am<allowance

Oil film
velocity

Force-position characteristics
of warping steel sheet

| Joining torque

Update speed,
torque, oil film shape

<>

Y

Fig.5. Calculation flowchart for wet clutch engagement process

3 RESULTS AND DISCUSSION

By coupling the axial motion and circumferential motion, the
engagement characteristics of the wet clutch with warped friction
pair are obtained. The engagement simulation parameters of the wet
friction clutch are shown in Table 2.

Table 2 shows the piston pressure loading values, which represent
the final steady-state piston pressure during the engagement process.
The piston pressure curve is shown in Fig. 6.



Table 2. Engagement simulation parameters

Category Parameter Value
Active end speed o, 6000 r/min
Operating System moment of inertia J 0.025 kgm?
parameters Initial oil film thickness 7, 4x10=4m
Piston steady-state loading pressure P, 1.2 MPa
40 °C viscosity x 0.012 Pas
Spray parameters 40
prayp Density 870 kg/m?
Friction pair inner radius r, 0.059m
Geometric feature  Friction pair outer radius 7, 0.073m
Clutch piece warping amount hq 2x10~4m
Joint roughness root mean square o 8.4x10-6m
Asperity distribution density p,, 7x107 m—2
Softer material hardness /1, 2.8 GPa
) . Friction plate Poisson ‘s ratio v, 0.3
Material properties Poisson ‘s ratio of steel plate v 0.4
of friction pair ] o p s '
Elastic modulus of friction plate £, 10.59 GPa
Elastic modulus of steel plate Ef 206 GPa
Asperity radius R, 8x10~4m
Liner material permeability ¢ 8x10-13m2
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Fig. 6. Piston pressure curve

The function of the piston pressure pressurization method in Fig.
6 is expressed as:

P, =P tanh(3.6¢), (30)
where P_is the piston steady-state loading pressure [MPa].

The simulation results are shown in Fig. 7, where Figs. 7a and
b show the inter-slice bearing capacity of friction pair 1 and axial
force of two friction pairs, respectively; Figs. 7c and d show the
engagement torque composition and engagement torque comparison
of friction pair 1, respectively; and Figs. 7e, f, and g show the
engagement speed, oil film contraction speed, and gap oil film
change during the engagement process, respectively. Table 3 shows
the key result parameters in the engagement process.

Table 3. The key result parameters in the friction pair engagement process

Parameters Value
The duration of the squeeze phase 0.25s
Duration of the plastic stage of steel plates 0.56 s
Peak oil film bearing capacity 6000 N
Peak asperity contact force 4000 N
Peak viscous torque 10 Nm
Peak rough torque 32 Nm
Peak oil film shrinkage rate 0.0018 ms~1

3.1 Engagement Stage Classification

Existing research typically divides the wet clutch engagement process
into three stages: the squeeze phase, the mixed friction phase, and the
fully rough friction phase. This classification assumes a perfectly flat
friction surface and a uniform clearance. However, this study reveals
that the engagement process of a warped friction pair consists of
only two stages. In the squeeze phase, the oil film bearing capacity
continuously increases, while the micro-asperity contact force
remains negligible, and the transmitted torque is entirely governed
by viscous shear. In the second stage, the micro-asperity contact force
gradually increases with a corresponding decrease in oil film bearing
capacity, transitioning the torque transmission from pure viscous
torque to a combination of viscous and rough friction torque (Figs.
7a and 7c¢).

As illustrated in Fig. 7g, oil film thickness varies radially
throughout the engagement process, confirming the convergent-
divergent clearance characteristics induced by the warped structure.
During the late engagement phase, localized regions maintain a
residual oil film thickness; consequently, the oil film bearing capacity
does not drop to zero (Fig. 7a), and the oil film contraction rate
does not completely cease (Fig. 7f). This indicates that the warped
structure facilitates persistent oil film retention within the gap,
thereby preventing the transition to a fully rough friction stage. This
behavior distinctly contrasts with the engagement of flat friction
pairs, where, under the assumption of a uniform gap, the oil film is
generally considered to be completely expelled. The non-uniform
clearance created by the warpage prevents complete localized oil
displacement, sustaining a continuous hydrodynamic effect.

During this process, the axial force exerted on the warped dual
steel plate exceeds its structural stiffness, causing it to gradually
flatten as the oil film contracts. When the compression ratio of the
warped steel plate reaches the [0.95, 1] range, a dramatic increase
in stiffness prevents further flattening, leaving the clutch plate with
a residual warp. Consequently, prior to 0.56 s, which corresponds
to 95 % of the maximum deformation, the contact remains in the
deformation stage, transitioning to the plastic stage after 0.56 s.
This distinct division of steel plate deformation, combined with
the residual oil film characteristics, defines the unique engagement
process of the warped friction pair: a two-stage lubrication state
(squeeze and mixed friction) corresponding to a three-stage structural
evolution (non-contact, deformation, and plasticity).

3.2 Load Sharing Characteristics

Existing studies analyzing load sharing in friction pairs have
primarily focused on the static distribution ratio between oil film
bearing capacity and micro-asperity contact force, with limited
discussion on their dynamic evolution during the engagement process
and its correlation with geometric non-uniformity. This research has
observed several noteworthy dynamic characteristics.

During the initial squeeze stage, piston pressure is predominantly
balanced by the hydrodynamic pressure of the oil film. When the
piston pressure reaches approximately 0.09 MPa (corresponding to ¢ =
0.02 s in Fig. 6), a significant oil film contraction rate is observed (Fig.
71). This phenomenon results from the negative feedback regulation
of the squeeze process by the increasing hydrodynamic pressure:
initially, a thicker oil film allows the squeeze effect to dominate.
However, as the clearance decreases, the dynamic pressure bearing
capacity rises, which subsequently inhibits further contraction of the
oil film. This dynamic response is difficult to capture in traditional
analyses based on steady-state or quasi-static assumptions, and its
actual impact warrants further investigation. Upon entering the mixed
friction stage, both the hydrodynamic pressure of the oil film and the
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Fig. 7. Simulation results of joint process; a) friction pair type 1 inter-slice bearing capacity, b) axial force of two friction pairs, c) friction pair type 1 engagement torque,
d) transfer torque of two friction pairs, e) relative speed, f) oil film shrinkage velocity of two friction pairs, g) interstitial oil film
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asperity contact force act as the primary load bearers. Compared to
uniform clearance conditions, the presence of the warped structure
fundamentally alters the oil film pressure distribution.

3.3 Torque Transmission Difference

Regarding torque distribution in multi-friction-pair systems, existing
research often assumes uniform force distribution across friction pairs
or primarily focuses on overall torque without analyzing differences
between pairs. In this study, torque transmission varies between the
two friction pairs (Fig. 7d), with torque slightly lower in friction pair
2.

Analysis of force transmission path: After the piston pressure
first acts on friction pair 1, it must be transmitted to friction pair 2
via the warped counterpart steel plate. Concurrently, factors such as
spline friction resistance influence the process, resulting in pressure
attenuation during transmission. This causes the actual pressure
within the clearance of friction pair 2 to be lower than that of friction
pair 1 (Fig. 7b). This pressure differential affects oil film thickness
and micro-asperity contact conditions, consequently leading to torque
variation.

As the warped steel plates are gradually flattened, the torque
difference is also reduced. This indicates that geometric non-
uniformity is a significant factor contributing to uneven pressure
distribution. Once warping deformation is eliminated, pressure
distribution tends toward uniformity, and torque transmission
consistency improves accordingly. In multi-friction-pair systems,
the extent of this geometric-mechanical coupling effect may be
influenced by factors such as the number of friction pairs and
warpage distribution, warranting further investigation.

3.4 Clutch Engagement Characteristic Test

In this chapter, the wet clutch friction pair of the warped friction
pair was tested by using the MM6000 friction tester to verify the
accuracy of the simulation results. In the supplementary information
section, the test equipment, test system composition and test pieces
are described in detail. Fig. 8 shows a comparison between the
simulation results and experimental results for the engagement torque
of warped friction pair type 1 and friction pair type 2.

Table 4 shows a comparison between the average engagement
time of multiple engagement tests and the simulation results.

As shown in Fig. 8, for friction pair types 1 and 2, the simulation
results of the engagement torque are consistent with the experimental
results in terms of trend and peak engagement torque [24]. The
relative error between the tested and simulated engagement time
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is small, but there are certain differences in the transmitted torque
during the initial and final stages of engagement. During the initial
engagement phase, the experimental torque is lower, and its rate of
change is smaller compared to the simulated torque. This occurs
because the active-end fixture and the warped dual steel plate
utilize a clearance fit. Under axial loading, the warped face of the
steel plate acts as the axial positioning structure. This causes the
plate to tilt, which transitions the rough contact between the friction
pairs from full to partial contact, thereby temporarily reducing the
transmitted torque. At the conclusion of the engagement process,
the driven end continues to experience residual torque transmission
even after macroscopic engagement is complete. This is attributed
to a mechanical lag; after the drive-end clamping device partially
completes braking, the drive-end transmission components lag in
achieving full synchronous engagement, thereby exerting continued
torque on the friction pair. Despite these minor transient deviations,
the established dynamic model for warped friction pairs accurately
predicts critical parameters such as engagement torque and time,
providing a robust theoretical foundation for diagnosing warped
clutch plate faults in wet clutches.

Table 4. Comparison of engagement time between test and simulation

Friction pair type 1 Friction pair type 2
Test result [s] 2.93 3.12
Simulation result [s] 2.70 2.90
Error [%] 8.5 7.6

4 CONCLUSIONS

This study constructed a coupling model that considers the average
Reynolds equation, K-E contact model, and coupling warping
characteristics, combined with equation derivation, axial and
circumferential motion coupling analysis, and simulation and
experimental verification, and obtained the following conclusions:

1. Warped dual steel plates exhibit linear stiffness at compression
ratios below 0.95. Beyond this threshold, stiffness increases
nonlinearly due to changes in the lever arm during compression.

2. Analysis of the torque and force-displacement characteristics
reveals that, unlike traditional planar friction pairs, the engagement
of a warped friction pair consists exclusively of a squeeze phase
and a mixed friction phase. Due to the persistent retention of the
oil film within the non-uniform clearance, a completely rough
friction stage does not occur. Concurrently, the deforming steel
plate transitions through three distinct structural phases: non-
contact, deformation, and plastic deformation.
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Fig. 8. Torque test results and simulation comparison of friction pair type of: a) 1, and b) 2
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3.

The load sharing between the oil film and the micro-asperities
demonstrates a dynamic evolutionary pattern. During the initial
squeeze phase, the piston pressure is primarily balanced by the oil
film’s hydrodynamic pressure. At the onset of pressure application,
the oil film contracts rapidly but is soon stabilized by a negative
feedback mechanism driven by the rising dynamic pressure.
During the mixed friction phase, the load is jointly supported by
both the hydrodynamic pressure and the micro-asperity contact
forces.

. A noticeable difference in torque transmission exists between the

two friction pairs, with friction pair 2 transmitting slightly lower
torque due to pressure attenuation caused by spline friction. As
engagement progresses and the warped steel plates gradually
flatten, the geometric discrepancies between the pairs decrease,
consequently narrowing the torque disparity. This underscores
geometric non-uniformity as a critical factor driving uneven
pressure distribution in multi-disc friction systems.

Nomenclatures

x Beaver-Joseph factor,

o sliding coefficient,

d thickness of the friction lining, [m]

?, permeability of the friction lining material, [m=2]

?, radial,

Py circumferential pressure flow factor,

? shear flow factor,

h oil film thickness, [m]

p lubricant density, [kg/m?]

o, rotational speeds of the mating steel plate, [rad/s]

w; rotational speeds of the friction plate, [rad/s]

“w lubricant viscosity, [Pas]

o root mean square of the combined surface roughness, [m]

P, stable piston pressure value, [Pa]

®,, target clutch engagement speed, [rad/s]

I viscosity of the lubricating oil at 40 °C, [Pa‘s]

7 internal radius of friction pair, [m]

7y outer radius of friction pair, [m]

hy average oil film thickness, [m]

R, radius of the micro-asperity, [m]

K hardness correlation coefficient,

Py density of the micro-asperity, [m~2]

h, distance between the average height of the micro-asperity
on the equivalent rough surface and the rigid plane, [m]

0, critical deformation, [m]

z height of the micro-asperity, [m]

o, roughness of the surface of the dual steel plate,

A4, contact area between friction pairs, [m?]

F, micro-protrusion bearing capacity, [N]

A, nominal contact area, [m?]

H, hardness of the equivalent rough surface material, [Pa]

F., inter-slice bearing capacity of friction pair 1, [N]

F, inter-slice bearing capacity of friction pair 2, [N]

¢, ratio of the actual contact area to the theoretical contact
area of the friction pair,

F, oil film bearing capacity of friction pair 1, [N]

F, oil film bearing capacity of friction pair 2, [N]

F, asperity contact force of friction pair 1, [N]

F, asperity contact force of friction pair 2, [N]

Fon separation spring elastic force of friction pair 1, [N]

F,, separation spring elastic force of friction pair 2, [N]

Al | change in clearance of friction pair 1, [m]

Ah, change in clearance of friction pair 2, [m]

> »Zﬁw‘

B S
-2}

stiffness of the separation spring,

wave number of the separation spring,

elastic modulus of the separation spring, [Pa]

thickness of the separation spring, [m]

width of the separation spring, [m]

horizontal angle of the separation spring, [°]
= SV-JME = Y 2026

VOL72 = NO34 =

/1
sf2

MNUQ;VN
S

Spr

S~

©

<
o

w

NSNS RO ETE

IS P

radius of the spring, [m]

coefficient associated with the wave number

of the separation spring,

sSurface specific pressure in the gap of friction pair 1,
surface specific pressure in the gap of friction pair 2,
pressure angle at the spline of the dual steel plate, [°]
pressure angle at the spline of the friction plate, [°]
pitch circle radius of the spline of the dual steel plate, [m]
pitch circle radius of the spline of the friction plate, [m]
friction coefficients at the friction pair,

friction coefficients at the mating steel plate spline pair,
friction coefficients at the friction plate spline pair,
mass of the warped dual steel plate, [kg]

acceleration of the axial displacement

of the warped dual steel plate, [m/s2]

mass of friction plate 2, [kg]

acceleration of the axial displacement

of friction plate 2, [m/s?]

stiffness of the disc spring, [N/m]

load of a single disc spring, [N]

thickness of the disc spring, [m]

maximum compression deformation of the disc sprin,g [m]
deformation displacement of the disc spring, [m]
elastic modulus of the dual steel plate, [Pa]

outer diameter of the disc-shaped dual steel plate, [m]
inner diameter of the disc-shaped dual steel plate, [m]
Poisson’s ratio of the dual steel plate,

oil film shear torque between friction pairs, [Nm]
rough friction torque between friction pairs, [Nm]
coefficient of friction,

shaft torque, [N-m]

rotational inertia of the driven end [kgm?]

resistance torque of the driven end. [Nm]|
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Dinami¢no modeliranje in simulacijska analiza mokre torne
sklopke ob upostevanju ukrivljenosti tornega para

Povzetek Stabilnost prenosa navora pri sistemih s spremenljivo hitrostjo
je odvisna od delovanja mokre torne sklopke kot kljucnega elementa.
Deformacija in ukrivlienost sklopnih ploS¢ pri tem pomembno vplivata
na obratovalne motnje. V tej Studiji so bile raziskane vklopne znacilnosti
ukrivlienih tornih parov z razvojem modela nosilnosti med ploS¢ami. Model
zdruZuje geometrijske znacilnosti, znacilnosti toka, mikroskopske kontaktne
lastnosti ter lastnosti sile in pomika loilne vzmeti in ukrivljenih plos¢. S
sklopitvijo aksialnega in obodnega gibanja so bili kvantitativno doloceni kljucni
parametri, vkljuéno z nosilnostjio med plos¢ami in prenesenim navorom.
Rezultati kaZejo, da proces vklopa ukrivlienega tornega para sestavijata
izkljuéno fazi stiskanja in meSanega trenja, ki ustrezata fazam brez stika,
deformacije in plasticnega obnasanja jeklene plosce. V fazi stiskanja je tlak
bata uravnotezen izklju¢no s hidrodinamiénim tlakom oljinega filma, medtem
ko je v fazi meSanega trenja podprt s kombinacijo tlaka olinega filma in sil
mikrostika hrapavosti. Poleg tega torni par tipa 2 izkazuje nekoliko manjsi
prenos navora zaradi upora pri prenosu trenja. Preizkusi vklopa, izvedeni na
napravi MM600O0, potrjujejo zanesljivost predlaganega modela, saj napake v
Casu vklopa ne presegajo 8,5 %.

Kljuéne bhesede mokra torna sklopka, ukrivlienost jeklene ploSce,
znacilnosti vklopa, dinami¢no modeliranje, simulacijska analiza
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